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ABSTRACT

When simulating a system based on the organic Rankine cycle (ORC), different modeling methods can
be used to predict its performance. Each method is characterized by advantages, limitations and a level
of complexity. This contribution aims to assess the impact of the modeling approach on the performance
prediction of ORC systems. To this end, a 2.8 kWe ORC unit is investigated as case study. In this paper,
the components of the test bench are modeled using different approaches of increasing complexity and
each model is calibrated using experimental data from the test rig. The goodness of fit as well as the
benefits and limitations of each modeling methods are analyzed and discussed.

1. INTRODUCTION

Because of the depletion of fossil fuels and global warming issues, the world of energy is undergoing
many changes toward increased sustainability. Among the different technologies in development, power
plant based on the organic Rankine cycle (ORC) are playing a key role in low-grade temperature appli-
cations such as waste heat recovery (Quoilin et al., 2011), geothermal power (DiPippo, 2004) or solar
thermal energy (Georges et al., 2013). An organic Rankine cycle is a thermal power system used for the
conversion of heat into mechanical work by means of the thermodynamic Rankine cycle. Its working
principle and its components are similar to a conventional steam power plant but it uses an organic re-
frigerant as working fluid instead of water.

As for many other technologies, modeling and simulation of ORC systems is crucial for design, sizing
or control purposes. From single polynomial correlations predicting the global power plant efficiency
to detailed deterministic simulations of each component, several modeling approaches of different com-
plexity levels can be used to predict the performance of an ORC. Each method has its advantages and
limitations, and the most appropriate approach for one application is not necessarily the same for another.
The objective of this work is to assess the impact of the modeling complexity on the performance predic-
tion of ORC systems. To this end, a 2.8 kWe ORC unit is investigated as case study (Dickes et al., 2014).
The test bench uses R245fa as working fluid and consists of a scroll expander, an air-cooled condenser, a
gear pump, a recuperator and an oil-heated evaporator. In this paper, each component of the power plant
is simulated with three different modeling methods and each model is calibrated using experimental data
from the test rig. The goodness of fit as well as the benefits and limitations of the different modeling
approaches are discussed. The following sections focus respectively on the pump, the evaporator, the
condenser and the expander.
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Figure 1: Experimental efficiencies of the
gear pump in function of the shaft speed
and pressure ratio

Figure 2: Second-order polynomial cor-
relations modeling the pump isentropic
and volumetric efficiencies

2. PUMP

The device used to pressurize the working fluid in the ORC test bench is a gear pump (model: Viking
SG-80550-M0V). As shown in Figure 1, experimental measurements on the test rig demonstrate a sig-
nificant influence of the pressure ratio and of the shaft speed on the pump performance (i.e. its isentropic
efficiency 7, ,, and its volumetric efficiency 7, ,,). In order to predict the mechanical power consump-
tion and the mass flow rate delivered by the pump, three different modeling approaches are investigated.

2.1 Constant-efficiency model (method PP,)

A simple method to simulate a pump is to neglect the effect of the operating conditions on the machine
performance. Such assumption allows to model the pump with constant volumetric and isentropic effi-
ciencies i.e.

_ mpp (hex,is,pp - hsu,pp) =

Nis - ° =g
PP Wmec,pp PP

Vsu,pp _
n vol,pp Npp Vdis,pp Mvor N2 (1)
where 71,, and Vsum are respectively the fluid mass and volumetric flow rates, Wmecm is the pump
mechanical power, N, is the pump rotation speed and Vy;q ,,, 1s the machine displacement volume. Based
on experimental measurements or manufacturer data, the calibration of the two parameters 7,,, ,, and
s pp 18 straightforward and can be performed with a single operating point. If data for several operating
conditions are available, an average value of each efficiency is generally selected.

2.2 Physically-based model (method PPg)

Alternatively, the pump can be simulated using a semi-empirical model (also referred to as lumped pa-
rameter model) which implements physically-based equations. In this work, the effective mass flow
delivered by the pump i1y, is calculated as an ideal mass flow rate 7,4eq1,, to which an internal recircu-
lation flow rate ry ,, is deduced. The mass flow rate characterizing the internal leakages is modeled by
means of an incompressible flow through an equivalent orifice as suggested by Declaye (2015):

Mpp = (psu,ppNPP Vpp) = (Alk\/2psu (Ppp.ex = Ppp,su)) 2

Mideal,pp Tk pp
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where Py, ex and Py g, are respectively the pressures at the inlet and the exhaust of the pump, pg, ,,
is the inlet density of the fluid and 4., is the surface area of the equivalent orifice. The mechanical
consumption of the pump is calculated by adding mechanical losses W;om pp to the isentropic power W,S -
These mechanical losses are calculated by means of constant losses ¥, added to a term proportional to
the isentropic power i.e.

Wmec,pp = (WO + KO I./su,pp (Ppp,ex - Ppp,su)) + (i/su,pp (Ppp,ex - Ppp,su)) (3)

Wioss P Wis,pp

Based on the identification of three parameters, namely A4;..x, Ko and W, the model can extrapolate
the machine behavior while accounting for the influence of the operating conditions on the pump perfor-
mance. The calibration of the parameters is performed by minimizing the deviation between the reference
data and the simulation results. A minimum of two different operating points is required to identify the
three parameters but the higher the number of data, the better the calibration.

2.3 Polynomial model (method PP¢)

Finally, a second-order polynomial correlation can be tuned to predict the pump efficiency as depicted
in Figure 2. Such empirical model fits correctly the experimental data and provides good predictions of
interpolated behaviors. However, extrapolations of the performance outside of the calibration range is
unadvised. Indeed, the polynomial expressions could provide unrealistic values of 7;; ,, and ,,,; ,,,. The
number of data points should also be high to avoid effects such as overfitting or the Runge's phenomenon.
In this work, a second-order polynomial equation in function of the pressure ratio and the pump speed
has been identified to best fit the experimental efficiencies of the pump:

2 2 2 2
i j k !
’71‘3,1717 = Z Z aUrPlNPP] nvol,pp = Z Z bklrp Npp (4)
i=0j=0 k=01=0

2.4 Comparison of the results

The three models PP, PPg and PP are calibrated using an experimental database of 27 operating points.
Detailed values of the parameters are given in the Appendix and the coefficients of determination R?
resulting of the calibration are summarized in Table 1. The deviation between simulation results and
experimental data is also illustrated in Figure 3. The basic constant-efficiency model (method PP,)
leads to the largest fitting residues and a maximum relative error of 160% and 69% is committed for
the mass flow rate and for the mechanical power respectively. The second-order polynomial correla-
tions demonstrate the best fit but they are characterized by severe modeling restrictions as discussed in
section 2.3. The semi-empirical model PPy which implements physically-based equations appears to
be the best compromise between model complexity (only 3 parameters to be identified), goodness of fit
and performance extrapolation. Although the mechanical power consumption is correctly reproduced,
an alternative formulation of the recirculation losses should be investigated to improve the prediction of
the pump mass flow rate.

3. EVAPORATOR AND CONDENSER

The evaporator and the condenser installed in the ORC test bench are respectively a counterflow brazed
heat exchanger (model: Alfa Laval CB76-100E) and an air-cooled fin coil heat exchanger (model: Alfa
Laval Solar Junior-121). Although the condenser presents a multipass crossflow arrangement, the num-
ber of passes for each tube in the air flow is considered high enough (N, = 4) to simulate the heat
transfer as a counterflow configuration (Shah and Sekulic, 2003). For both the evaporator and the con-
denser, a single component performs the heat transfer resulting in the co-existence of three refrigerant
phases inside the heat exchangers. In the case of the evaporator (resp. the condenser), the total surface
area is divided in three zones (see Figure 4), namely the preheating (resp. the subcooling) zone, the va-
porization (resp. the condensation) zone and the superheating (resp. the de-superheating) zone. In this
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Figure 3: Goodness of fit of the pump models PP, PPy and PP¢

work, three different modeling methods are investigated to predict the performance of the evaporator and
the condenser.

3.1 Constant-pinch model (method HEX,)

A simple method to model a three-zone heat exchanger is to impose a constant pinch between the temper-
ature profiles of the cold and the hot fluid. As depicted in Figure 5, the pinch 6 can be located differently
along the temperature profiles in function of the operating conditions and the type of heat exchanger
(condenser or evaporator). In a general statement, one can formulate the constant-pinch paradigm as
follows:

AT = |Thpe = Tpiel
ATy = |Twgr = Ty 5)
ATv = |Th(ﬁv - Wj;v|
ATy = |Thgn = Twpnl

where the temperatures of the heat transfer fluid 75,; and the working fluid 7,,7; are referred as depicted
in Figure 5. The calibration of the unique parameter 8 is straightforward and it can be performed using
experimental results of a single point. If data in several operating conditions are available, a mean value
of the pinch is chosen. The model is easily implemented but the assumption of a constant pinch over a
wide range of conditions can lead to significant errors in the performance evaluation of an heat exchanger.

min(AT,; ATy; AT,; AT,) = 0 with

3.2 Three-zone model with constant heat transfer coefficients (method HEXpg)

Another approach to simulate the evaporator and the condenser is to decompose the modeling into the
different zones of the heat exchanger. Each zone is characterized by a global heat transfer coefficient
U; and a heat transfer surface area 4;. The global heat transfer coefficient is evaluated by considering
only two convective heat transfer resistances in series whereas the surface area is computed using the
logarithm mean temperature difference method. In the case of the evaporator, both fluids have the same
heat transfer surface area and 4; is evaluated in each zone as follows:

-1 b

1 1 i

() PR ©
Owfi  Ohtfi UAT, log,i

where a,,7; and a;,; are the convective heat transfer coefficients of the two fluids, Q,- is the heat power
transferred in each zone and AT}, ; is the related logarithm mean temperature difference. In the case of
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Figure 4: Three-zone moving- Figure 5: Pinch locations in a three-
boundary model of an evaporator zone heat exchanger

the air-cooled condenser, the heat transfer surface area is not the same for the two fluids since it is a fin
coil heat exchanger. For each zone, the surface area on the refrigerant side 4,7, is evaluated i.e.

-1 .

(1 | ~

Ui - ( ; ) A= 2 ™
Osi N i(Anif] Avr) O Ui ATlog,i

where 7 ; is the overall air-side surface efficiency and Aj/4, is the ratio between the heat transfer
surface areas of the two fluids. The efficiency 7, ; is defined by Incropera and Witt (1996) as

Afin
Apf

Hei=1- (1- Uﬁn,i) (3)

)

where Ay, is the fins area, 4 is the total air-side heat transfer area and Nfin,i is the fin efficiency. The
calculation of the fin efficiency is performed using the Schmidt method. For the sack of conciseness,
the set of equations leading to 7, ; is not provided in this paper. For any further information, refer to
Stewart (2003) which provides a complete description of the modeling method. The temperature profiles
inside the heat exchanger correspond to the situation in which the total surface area simulated by model
is equal to the geometrical surface area of the component A4y, i.e.

Ahex = Aliq + Atp + Avap (9)

In this second modeling method, the convective heat transfer coefficients are assumed constant whatever
the operating conditions. For the refrigerant, different values are assigned for each zone whereas a single
coefficient characterizes the secondary fluid. Therefore, the semi-empirical model relies on four param-
Cters: @y ligs Owfip> Oufvap and ayyr. The calibration of these parameters is not difficult if the reference
database includes operating conditions with a unique zone on the refrigerant side (i.e. operating condi-
tions with only a liquid phase, a vapor phase or two-phase in the refrigerant flow). In such conditions,
the surface area of the zone is known (4;iq|p|vap = 4nex) and the heat transfer coefficients can be identified
easily. However, if the database used for the calibration consists of experimental points with multi-zone
operating conditions, the calibration process becomes more challenging since the surface area dedicated
to each zone is unknown. To identify the heat transfer coefficients, an optimization process must be per-
formed over the complete database to minimize an error function. In this work, the temperature profiles
are provided as inputs and the coefficients are optimized in order to minimize the global error committed
on the surface area i.e.

min i/[: l Ahex - Aliq,j - Atp,/' - Avap,/' (10)
Jj=1 M Ahex
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Figure 6: Predicted vs. experimental heat power transferred in the heat exchangers

3.3 Three-zone model with variable heat transfer coefficients (method HEX )

The third modeling approach investigated in this work is based on the same model paradigm of method
HEXg. However, instead of keeping the convective heat transfer coefficients constant in all operating
conditions, it is proposed to account for the effect of the mass flow rate on the heat transfer by means of
the following relations (Quoilin et al., 2008)

i\ 08 PN

1

Qufi = Ofini (—Wf) Ohif = Olfin ( . ) (11)
Myfin Mpgfin

where a7, ; and oz, are parameters illustrating the heat transfer coefficients of the fluids in case of
nominal mass flow rates (1,y, and 7y,). Like for the second modeling approach, each zone on the
refrigerant side is characterized by different coefficients whereas a single nominal heat transfer coeffi-
cient oy, 18 assigned for the secondary fluid. Four parameters must be identified and the calibration
procedure has the same characteristics as discussed in section 3.2.

3.4 Comparison of the results

The three modeling methods are applied for both the condenser and the evaporator. The models are
calibrated using experimental data from the test bench and the deviations between simulation results
and experimental data are illustrated in Figure 6. Detailed values of the parameters are available in the
Appendix and the coefficient of determination R> are summarized in Table 1. The constant-pinch model
(method HEX,) is the simplest method to implement and to calibrate. Since the operating points used
for the calibration are with a relatively constant pinch, this modeling method demonstrates the second
best fit to experimental data eventhough a single parameter is required. However, the ability of such
modeling approach is limited for performance extrapolations over a wide range of operating conditions
as explained in section 3.1. The three-zone moving-boundary model with constant heat transfer coef-
ficients (method HEXp) presents opposite characteristics. Its calibration is more complex and requires
the use of an optimization process. Although it shows the lowest goodness of fit, the consideration of
each zone in the heat exchanger makes it more reliable for performance extrapolation in different op-
erating conditions. Finally, by accounting for the impact of the mass flow rate on the heat transfer, the
method HEX ¢ demonstrates the best fit and the best ability for performance extrapolation. However, its
calibration is as complex as for method HEXpg since it also requires an optimization process.
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4. EXPANDER

The expansion process is performed by a scroll compressor modified to run in reverse as an expander
(model: Copeland ZR34 K3E-ZD). It is directly connected to the grid and its shaft speed remains constant
in any situation. As depicted in Figure 7, experimental measurements demonstrate an influence of the
pressure ratio and the fluid supply conditions on the machine performance (i.e. the isentropic efficiency
Njs,exp and the filling factor ¢, .., (Quoilin, 2011)). In this contribution, three modeling methods are
investigated to extrapolate the expander behavior in different operating conditions.

4.1 Constant-efficiency model (method EXP,)

Similarly to the pump, the simplest method to simulate an expander is to assume a constant performance
whatever the operating conditions. In such case, the isentropic efficiency 7;, ,,, and the filling factor
o1, exp OF the machine are identified and set constant as explained in section 2.1. However, the temper-
ature range in an expander is higher than in a pump resulting in unnegligible heat losses if the expander
is not thermally insulated. In order to account for the effect of these losses on the exhaust conditions, a
third parameter AU, can be added to the model i.e.:

mexp (hsu,exp - hex,exp) = Wmec,exp + AUloss (Texp - Tamb) (12)

4.2 Physically-based model (method EXPg)

The second approach chosen for simulating the expander performance is the physically-based model
proposed by Lemort (2008). The conceptual scheme of the model is shown in Figure 8 and a complete
description of the governing equations can be found in Lemort et al. (2009). Besides of under- and
over-expansion losses due to the fixed built-in volumetric ratio of the machine, the model accounts for
internal leakages, mechanical losses, pressure drops at the inlet and heat losses. Unlike deterministic
modeling methods which require the exact knowledge of the machine geometry (Dickes, 2013), the
semi-empirical model can extrapolate the expander performance in a wide range of operating conditions
by the identification of eight parameters. The calibration of the parameters is not direct and must be
performed through an optimization process minimizing the global error committed on the model outputs
(Lemort et al., 2009).

4.3 Polynomial correlations (method EXP(¢)

A third modeling approach is to evaluate the expander performance by means of a second-order poly-
nomial correlation. As discussed in section 2.3, these models are suitable to interpolate the machine
behavior within the calibration range but extrapolations of the performance outside of this confidence
domain is unadvised. In this work, a second-order polynomial equation in function of the supply density
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Table 1: Goodness of fit for the different models
(* : if heat losses are modeled in the expander)

Pump model R? (] R’[ pr,mec] R[ pr,elec]
PPa 0.788 0.805 0.802

PPg 0.951 0.981 0.982

PPc 0.999 0.991 0.991
Evaporator model R*[Q,]] R*[T.e] R*[Thipex]

EVa 0.9995 0.9314 0.9043

EVg 0.9994 0.7942 0.999

EVc 0.9998 0.9479 0.9995
Condenser model  R*[Q.;]  R*[T.:] R*[Tifex]
CDa 0.968 0.748 0.987

CDg 0.932 0.118 0.985

CDc 0.981 0.86 0.996
Expander model R? (M) R2[Wexp,mec] R2[T Whex)
EXPyp 0.9826 0.9621 0.3695/0.9309*
EXPp 0.9768 0.9848 0.8626

EXPc 0.996 0.9906 0.3783/0.9151%

(py,) and the logarithm of pressure ratio (/n(r,)) is used to characterize the isentropic efficiency and
filling factor of the expander i.e.

2 2 2 2

nis,exp = Z Z ajj (Zn(rp))ipsuj ¢vol,exp = Z Z bkl (In(rp))kpsul (13)

1=0j=0 k=0 1=0

Similarly to method EXPy, heat losses can be taken into account by using equation (12).

4.4 Comparison of the results

The three modeling methods EXPs, EXPg and EXP¢ are calibrated using an experimental database
of 53 operating points. The coefficients of determination R? from the calibration are summarized in
Table 1 and detailed values of the parameters are provided in the Appendix. The constant-efficiency
model permits a good fit of the experimental results if heat losses are take into account, but significant
errors are committed on the exhaust temperature otherwise. Since a constant efficiency is assigned to
the machine performance while experimental measurements demonstrate an influence of the operating
conditions, significant errors can be committed while extrapolating the machine performance out of the
calibration range. In contrast to method EXP4, the polynomial model accounts for the influence of the
operating conditions on the expander performance and fits the best the experimental data. However,
such correlation presents severe modeling restrictions as discussed in section 4.3 and it is more sensitive
to the dataset used for the calibration. The semi-empirical model EXPg overcomes these issues. By
implementing physically-based equations, extrapolation of the expander performance can be performed
out of the confidence range and the model calibration is less sensitive to the experimental points used
as reference. However, the identification of the eight parameters is not as straightforward as for the two
other methods since it requires a non-linear optimization process as explained in section 4.3.

5. CONCLUSION AND FUTURE WORK

The performance evaluation of an ORC system can be carried out using different modeling methods. In
order to assess the impact, the advantages and the limitations of different approaches, a 2.8 kWe ORC
unit is investigated as reference case. Each component of the micro-scale power plant is simulated by
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Table 2: Characteristics of the different models
(* : if heat losses are modeled in the expander)

PP, PPy PPc HEX, HEXz HEXc EXP, EXP; EXPc

Nbr. of parameters 2 3 8 1 4 4 2/3* 8 8/9*

Goodness of fit - + + ~ - + N + -+

Simplicity of calibration + A ~ + - - + - +

Performance extrapolation =~ + - - ~ + -/n* + -
+: good ~ : neutral -: bad

means of three modeling methods characterized by different levels of complexity. All the models are
calibrated with experimental data from the test rig and a comparison is performed in terms of goodness
of fit and calibration complexity. A deeper investigation about extrapolation capability will be performed
by means of a cross validation process and by comparing the models prediction with other experimental
datasets. The main observations of the current analysis are summarized in Table 2. In this paper, the
components are considered alone. Future works will apply a similar analysis to the model of the whole
system by interconnecting the models of each subcomponent. The global behavior of the test rig will
be evaluated over a wide range of operating conditions and deviations between the different modeling
approaches will be analyzed.

NOMENCLATURE
Symbols Subscripts
surface area (m?) amb ambiance
a,b polynomial coefficients (-) c cold
AT temperature difference (K) cd condenser
h specific enthalpy (J/kg) dis displacement
m mass flow (kg/s) ex exhaust
N shaft speed (rpm) exp expander
P pressure (Pa) ev evaporator
0 heat power (W) h hot
" pressure ratio (-) hex heat exchanger
T temperature (K) htf heat transfer fluid
U global heat coefficient (W/m? .K) is isentropic
14 volume (m?) 1, lig liquid
4 volumetric flow (m° /s) 1k leakage
w Power (W) log logarithm
o convective heat coefficient (W/m? .K) mec mecanichal
n efficiency (-) n nominal
] filling factor (-) pp pump
p density (kg/m?) su supply
% pinch (K) tp two-phase
v, vap vapor
vol volumetric
wf working fluid
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APPENDIX

The appendices include detailed values of the parameters for each model presented in this paper and addi-
tional Figures illustrating the deviations between simulation results and experimental data. The appendix
is available in electronic form only at the following url: http://hdl.handle.net/2268/180069
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